Introduction
The idea of using grooved surfaces in bearings to produce a pressure distribution ͑self-acting lubrication effect͒ was first introduced by Whipple ͓1͔. It has been used for gas bearings and then for liquid and grease film bearings, especially bearings of small size. Recently, the herringbone grooved journal bearings ͑HGJBs͒ have been used extensively in high speed and lightweight rotating machinery, such as computer information storage components, due to their improved stability characteristics, when compared with conventional journal bearings. Vohr and Chow ͓2͔ found that the improved stability characteristics of the HGJB is extremely important for journal concentric operation within the bearing annular space, since herringbone grooves can inhibit the whirl instability common to many self-acting journal bearings. The inscribed grooves, either on the rotating or on the stationary member, cause the lubricant to be pumped inward which increase the pressure toward the center of the bearing. Therefore, Hirs ͓3͔ proposed that HGJBs can be designed as leakage-free mechanical elements, since these grooves have the ability to pump either with or against the pressure gradient. Moreover, Yoshimoto et al. ͓4͔ found that HGJBs can support both axial and radial loads simultaneously. In addition, the spiral grooving can be used to control the attitude angle of the self-acting bearing and thus improves bearing stability. However, HGJBs have some drawbacks, such as smaller load carrying capacity and difficulty in manufacturing. Vohr and Chow ͓2͔ introduced the narrow groove theory, which assumes that the number of grooves approaches infinity. The theory reduces the sawtooth circumferential pressure gradient to an averaged smoothed overall pressure. According to their analysis, they obtained optimal values for the groove parameters that give maximum radial force and hence maximum radial stiffness. Many authors ͑see, for example, Vohr and Chow ͓2͔, Hirs ͓3͔, Yoshimoto et al. ͓4͔, Chow and Vohr ͓5͔ and Kawabata et al. ͓6͔͒ applied the narrow groove theory to HGJBs and grooved thrust bearings. The narrow groove theory is simple and works well for small eccentricity ratios and large number of groove-ridge pairs. On the other hand, it does not consider the effect of the groove profile. Due to the limitations of the narrow groove theory, the finite element method was adopted to simulate the performance of HGJBs and grooved thrust bearings ͑see, for example, Zirkelback and San Andres ͓7͔, Kinouchi and Tanaka ͓8͔, Bonneau and Absi ͓9͔, Jang and Chang ͓10͔, and Jang and Yoon ͓11͔͒. All the above investigations are related to the rectangular profile for HGJBs and grooved thrust bearings. In order to improve the performance of HGJBs a circular profile was introduced and studied by Kang et al. ͓12͔ . Using the finite difference method, they found that the proposed circular groove profile has better stability characteristics than plain journal bearing, but its load carrying capacity was still lower than that of plain journal bearing. Unfortunately, few experimental investigations ͑Hirs ͓3͔, Chow and Vohr ͓2͔, Burton ͓13͔, and Bootsma and Tielemans ͓14͔͒ on HGJBs and grooved thrust bearings with rectangular groove profile have been carried out. According to the above literature review, the main drawback of rectangular and circular groove profiles is that they have small load carrying capacity compared with plain bearings. The main aim of the current investigation is to improve the load carrying capacity and bearing stability of HGJBs by introducing a new
Groove Profile
Recently, HGJBs have been used extensively due to their improved stability characteristics when compared with conventional journal bearings. The most commonly used groove profile is the rectangular groove profile shown in Fig. 1͑a͒ . However, when an abrupt enlargement of section occurs in a passage, a rapid deceleration takes place accompanied by characteristic large-scale turbulence, as shown in the figure, which causes significant losses in the downstream pressure. In order to avoid such effects and improve the performance of HGJB, Kang et al. ͓12͔ introduced the circular groove profile shown in Fig. 1͑b͒ . They found that the proposed circular groove profile has better stability characteristics than plain journal bearing, but its load carrying capacity is still lower than that of plain journal bearing. On the other hand, the rectangular groove profile has a higher load carrying capacity over the introduced circular groove profile. This may be attributed to the fact that for the circular groove profile, in convergence over the step, the exit surface is approximately inclined, which causes lower pumping capability. In order to overcome such difficulty, the beveled-step groove profile shown in Fig. 1͑c͒ is introduced, which will be able to minimize the losses of pressure in the divergence of the flow over the step and maximize the pumping capability of the HGJB over that of the circular groove profile.
In order to investigate the effect of the step abruptness of the groove on the flow characteristics a set of measurements was carried out by Burton ͓13͔. The measurements were carried out for steps set normal to the flow where the changes across a vertical step and 45 deg beveled step were investigated. It was observed that, for the convergence of flow over the step there were no measured changes of pressure drop. While, for the divergence of the flow the pressure recovery was greater for the 45 deg beveled step. This means that the pressure losses can be decreased and the pumping capability can be increased by using the introduced beveled-step groove profile. The beveled-step groove profile also overcomes the problem of abrupt enlargement of the section that causes significant losses in the downstream pressure, for rectangular and circular groove profiles. Consider the control surface abcd, shown in Fig. 1 , which encloses the zone of momentum change for a unit axial direction. Using Vennard ͓15͔, the pressure recovery can be expressed as
where, P 1 , h 1 , and V 1 are pressure, oil film thickness, and velocity of the oil at position 1, respectively. P 2 , h 2 , and V 2 are the same oil parameters at position 2. ␥ and g are the weight density of the oil and gravitational acceleration, respectively. The coefficient K L is the head loss coefficient ͑0 ഛ K L ഛ 1.0͒. For an abrupt change in oil film thickness ͑rectangular groove profiles͒, the head loss coefficient is nearly equal to unity ͑K L Х 1.0͒, and for gradual enlargement ͑circular and beveled step groove profiles͒, K L is lower than unity. The head loss coefficient K L depends mainly on the divergence angle and the ratio of areas ͑h 2 / h 1 ͒. The beveled-step groove profile gives a lower value of the head loss coefficient ͑K L ͒, which maximizes the pressure recovery for the divergent flow over the step. For convergent flow over the step, a vertical surface is used ͑sudden contraction͒. This can be attributed to the flowing; if a unit mass flow rate in the circumferential direction ͑M ͒, as shown in Fig. 2 , is projected on an inclined groove face, the fraction of this mass that will be pumped inward can be expressed as
where ⌰ and ␣ are the inclination angle and the groove angle, respectively. For maximizing this fraction, the inclination angle ͑⌰͒ should be 90 deg. This means that the vertical step will pump oil inward much more than the beveled step. However, the increase of the pressure gradient along the grooves has a greater effect on the performance of HGJBs than the decrease of the pressure losses over the step. The advantage of the introduced beveled-step groove profile over the circular groove profile is the higher pumping capability. This may be attributed to the fact that in a circular groove profile, in convergence over the step, the exit surface is approximately inclined, causing lower pumping capability.
Experimental Work
The beveled-step herringbone grooves were cut on a conventional center lathe. The herringbone pattern was cut as a righthand screw and left-hand screw set back to back, as shown in Fig.  3 . The grooves were inscribed on the journal surface using a specially designed high speed steel forming tool, having the same groove profile, as shown in Fig. 4 . The tool tip width ͑d͒ is expressed as Transactions of the ASME
where N g , D, and c are number of grooves, journal diameter, and the radial clearance at concentric position of journal and bearing, respectively. The tool tip width ͑d͒ and the bevel angle ͑⌰͒ were checked using the profile projector. Due to groove cutting considerations, the bevel angle ͑⌰͒ was about 30 deg. For the purpose of determining the optimal groove parameters ͑␣ , ␤ , ⌫͒ that give maximum radial force and hence maximum radial stiffness, a set of 20 grooved journals was manufactured. The manufactured specimens have different groove widths and different groove depths. Because of manufacturing considerations, the groove angles were 24.42, 26.78, 29.05, and 31.2 deg. The specifications of the manufactured specimens are given in Table 1 .
The experimental work was carried out using a hydrodynamic lubrication unit. The unit consists of a rigid tubular steel frame equipped with a pneumatically operated pressurized oil supply, dc solid state variable speed control unit. The unit contains instrumentation for indicating speed, friction torque, degree of bearing contact, and armature current. A schematic representation of the used experimental apparatus is shown in Fig. 5 .
For measuring the pressure distribution over the bearing surface, the pressure distribution apparatus P5014 was used. The bearing housing of this apparatus contains 12 holes, oil passages, in the circumferential direction with an angle of 20 deg in between, as shown in Fig. 6 . Each hole in the circumferential direction has five pressure taps in the axial direction. The pressure was measured using a pressure probe consisting of a Bourdon type gauge mounted on an accurately lapped spool, which is used to traverse the drillings in the bearing block. Five markings on the spool show the position where the probe is correctly aligned with the pressure taps in the axial direction. Thus, the pressure was measured on 60 points over the bearing surface. Due to manufacturing considerations, the bearing housing was manufactured as two halves. As a result of such consideration, it was difficult to measure the pressure near the interface of the two halves. The pressure at the not-drilled holes ͑7, 8, 9, 16, 17, and 18͒ was obtained by linear interpolation between the measured values. During the measurement process, the bearing is supplied by oil of pressure that ranges from 0.5 to 1.0 bar according to the applied load. After that, the dead weight is applied to the mass hanger and the rotational speed of the journal is increased gradually in order to avoid oil film rupture, until a stable hydrodynamic oil film is formed; this is indicated by no contact between the journal and bearing housing on the contactmeter. By using the pressure gauge probe, a set of pressure measurements is then obtained over the bearing surface. The oil outlet temperature is recorded at the beginning and at the end of the experiment, and then the average temperature is determined in order to determine the average oil viscosity during the experiment. The bearing attitude and eccentricity were measured using the bearing attitude apparatus shown in Fig. 7 . The bearing bush is fitted to the inner diameter of parts 2 and 3, and the hydrostatic pad is fitted to the outer diameter of part 3. The apparatus is designed for use in conjunction with the hydrodynamic lubrication unit, and it consists of a pair of nozzles provided with two pressure gauges with air regulating valves and a micrometer calibration fixture. The variation of the gap size between the rotating journal and the nozzle causes a corresponding variation of the nozzle pressure. Thus, the gap size in the horizontal and vertical directions can be determined, and then the bearing attitude can be obtained.
During the journal bearing operation, the friction between the rotating journal and the oil layers causes an increase of the oil temperature. Such an increase of the oil temperature has some influence on the journal bearing performance, such as increasing power losses, and decreasing oil viscosity and hydrodynamic forces that may cause journal bearing failure. Therefore, the friction torque is one of the important parameters that must be measured. The friction torque was measured using the bearing attitude apparatus in conjunction with a torque transducer. The torque transducer is positioned on the unit frame and the torque wire is hooked in a horizontal position over the torque pin. Thus, any displacement of the bearing, caused by friction torque, can be measured by the torque meter.
In order to have confidence in the obtained experimental results throughout the current investigations, calibration processes for the measuring instruments ͑tachometer, torque meter, contact meter, pressure gauges, and air nozzles͒ were carried out. The oil used throughout the investigations is Shell Tellus 15.
Results and Discussion
In order to obtain the optimum groove parameters ͑␣ , ␤ , ⌫͒ that give maximum radial force, a series of experiments was carried out using specimens with the specifications given in Table 1 . The performance characteristics of the oil-lubricated beveled-step HGJB were then investigated using the specimen with the obtained optimum groove parameters. It is noteworthy that during the current investigation, the number of grooves inscribed on the journal surface is 25; therefore, the narrow groove theory can be applied according to Chow and Vohr ͓5͔. The pressure distribution over the bearing surface was measured at the operating conditions given in Table 2 . It is well known that the oil viscosity varies during the experiments, because of the temperature variations that cause a corresponding variation of the measured pressure. Thus, the dimensionless pressure ͑P ͒ is used to describe the pressure distribution over the bearing surface, instead of the measured pressure P, which expressed as
where P, , , and R are the oil pressure, oil viscosity, journal rotational speed, and the journal radius, respectively. the groove depth ratio ͑⌫͒ of about 2.0± 0.05 was considered, which gives the greatest stiffness, according to Vohr and Chow ͓2͔. It was noteworthy that the measured pressure distribution was smoothed since no fluctuation of the pressure was observed. The time for one groove to pass through the pressure probe is about 2.4 s, which is too small to be detected by using the Burdon type dial gauge. Actually, the pressure field is dynamic, but when the number of groove-ridge pairs is over 16, it is reasonable to assume smooth pressure distribution without loss of accuracy, according to Chow and Vohr ͓5͔. Two types of pressure gauges were used to measure the pressure distribution over the bearing surface; one with resolution of 0.2 bar to measure the higher pressures in the convergent zone and another with resolution of 0.1 bar to measure the lower pressures in the divergent zone. From Fig. 8 , it is clear that the pressure is increased in the direction of rotation from the location of the maximum oil film thickness towards that of the minimum oil film thickness. The buildup of pressure in this convergent zone is due to two effects. The first is the wedge effect as the oil is dragged by the rotating journal and put into a narrower space, so that its pressure is increased. The second is the groove effect of pumping oil inward, which acts to build up pressure in both the axial and circumferential directions. After the convergent zone, the oil is dragged to the divergent zone, through which its pressure is decreased but still positive. The presence of high pressure at the beginning of the divergent zone is due to the flow of pressure from the convergent to the divergent zone. The main result of these experiments is the presence of positive pressure in the divergent zone. This pressure is due to the groove effect only, since there is no wedge effect here. The importance of this pressure is to oppose the eccentricity vector and to secure the possibility of stable operation at a nearcentric position. This pressure is nonexistent for the case of plain journal bearing. The figure shows the eccentricity ratios for the different kinds of journals. The eccentricity ratio is the ratio between the journal eccentricity and the nominal clearance, between journal and bearing, at a concentric position. Because of this important feature, the herringbone-grooved bearings can inhibit the notorious half-frequency whirl instability that is a characteristic of plain journal bearings. When an unloaded journal is whirling in a circular orbit, the journal experiences a centrifugal force that is proportional to the mass of the journal, the eccentricity of the journal, and the square of the whirl frequency. If the radial fluid film forces generated by the rotating and whirling journal are not sufficient to balance this centrifugal force, then the journal is unstable. Figure 9 shows the variation of the pressure in the axial direction at an angle of 168 deg from the maximum oil film thickness, for ␣ = 29.05 deg, ⌫ = 2.0, and various groove width ratios. It shows the capability of the HGJB in generating a pressure gradient in the axial direction by pumping oil in this direction; it also indicates the ability of this pattern to pump oil against the pressure gradient.
The bearing attitude angle was measured at a groove depth ratio ͑⌫͒ of about 2.0± 0.05, in order to investigate the effect of the groove parameters ͑␣ , ␤͒ on the bearing attitude. The bearing attitude is the angle between the line of centers and the direction of the applied load. The effect of the groove angle ͑␣͒ on the bearing attitude angle ͑⌽͒ is shown in Fig. 10 . It is clear that the bearing attitude angle reaches its lower values when the groove angle is 29 deg at groove width ratios of 0.4, 0.5, and 0.55. This is due to the lower values of the tangential forces, which act to drag the journal in the direction of rotation, at this groove angle ͑␣ = 29 deg͒. The maximum uncertainty of the measured bearing attitude angles was about ±5%.
In order to determine the optimum groove parameters that give maximum radial force and maximum radial stiffness, the dimensionless radial stiffness that introduced by Vohr and Chow ͓2͔ was used. This dimensionless radial stiffness is expressed as
where W is the dimensionless load carrying capacity that can be expressed as
W, L, and are the bearing load, bearing length, and eccentricity ratio, respectively. The variation of the radial stiffness with the groove angle ͑␣͒ for various values of the groove width ratio ͑␤͒ at groove depth ratio ͑⌫͒ of about 2.0± 0.05, is shown in Fig. 11 . The uncertainty analysis showed that the maximum uncertainty in the calculated dimensionless radial stiffness is about ±10%. Actually, this is because of the large number of parameters that are included in the calculation of the radial stiffness values. The maximum value of the radial stiffness is attained at groove angle of 29 deg and groove width ratio of 0.5. Thus, it can be concluded that, at a constant groove depth ratio of ͑⌫ = 2.0͒, the optimum values of the groove angle ͑␣͒ and groove width ratio ͑␤͒ that give maximum radial force and maximum radial stiffness are 29 deg and 0.5, respectively. The influence of the groove parameters ͑␣ , ␤͒ on the load carrying capacity is shown in Fig. 12 . It is clear that the load carrying capacity reaches its maximum value at groove angle ͑␣͒ of 29 deg and groove width ratio ͑␤͒ of 0.5.
From the above results it can be concluded that the optimum values of the groove angle ͑␣͒ and groove width ratio ͑␤͒ are 29 deg and 0.5, respectively.
For determining the optimum groove depth ratio ͑⌫͒, the pressure distribution over the bearing surface was measured at various groove depth ratios from 1.667 to 2.467, as shown in Fig. 13 . The pressure increases with the increase of the groove depth ratio ͑⌫͒ until it reaches maximum values at groove depth ratio of 2.0. After that, the pressure decreases with the increase of the groove depth ratio. This means that the optimum value of the groove depth ratio ⌫ for the beveled-step groove profile is about 2. This result agrees with that obtained by Vohr and Chow ͓2͔ for rectangular groove profile, where the optimum value of groove depth ratio ⌫ is 2.1. It is rather difficult to manufacture grooves with a constant depth of the present nominal values, within 5 m. Thus, the present groove depths were the average of 40 measured values around the journal surface.
It is noteworthy that the circumferential Reynolds number during the experiments was lower than 0.00624, which is too small compared to unity, thus maintaining laminar flow during the experiments. Sometimes, during the experiment, sudden loading causes the bearing to experience severe whirling, which in turn causes rupture of the continuous oil film and turbulent flow dominates; however, as the speed is reduced or the inlet pressure increased, these disturbances are eliminated, and a stable operation with laminar flow dominates.
Comparison Between the Beveled-Step and Rectangular HGJBs
In order to check the validity of the introduced beveled-step HGJB performance comparisons with the rectangular HGJB were carried out. The comparison was carried out using the obtained experimental results, for beveled-step HGJB, and the corresponding theoretical results for rectangular HGJB that obtained by Vohr and Chow ͓2͔.
The variations of the radial stiffness with the groove parameters, ␣, ␤, and ⌫ are shown in Figs. 14, 15, and 16, respectively, for the beveled-step and rectangular HGJBs, using optimum values of the groove parameters. Figure 14 shows that the value of the groove angle ͑␣͒ that gives maximum radial stiffness in case of beveled-step HGJB is 29 deg, while it is 32.8 deg for the rectangular HGJB. This is an expected result that agrees with Eq. ͑2͒, that is, as ͑␣͒ decreases, the amount of pumped oil increases. In addition, the maximum value of the radial stiffness in case of beveled-step grooves is about 37% greater than that for rectangular grooves, in spite of its lower value of the aspect ratio ͑L / D͒. This leads to better stability characteristics for the beveled-step groove profile. From Fig. 15 it is also noticeable that the optimum value of the groove width ratio Transactions of the ASME ͑␤͒ is same for both types of HGJBs, which is equal to 0.5. Furthermore, the value of the radial stiffness at these values of the groove parameters is greater than that of the rectangular groove profile. Figure 16 shows that the optimum value of the groove depth ratio ͑⌫͒ for rectangular groove profile is 2.1, while it is approximately 2.0 for the beveled-step grooves.
The variations of the bearing attitude angle ͑⌽͒ with the groove parameters ͑␣ , ␤ , ⌫͒ are shown in Fig. 17 . It is clear that for all values of the groove parameters ͑␣ , ␤ , ⌫͒ the bearing attitude angle, for the introduced groove profile, is lower than that for the rectangular groove profile. This can be attributed to the lower values of tangential forces of the beveled-step HGJBs compared to the rectangular one, where the major part of the load carrying capacity is induced due to the effect of the radial force. In addition, the minimum value of the attitude angle occurred at groove angle ͑␣͒ of 29 deg. Because of the lower values of the bearing attitude angle and the higher values of the radial force, better stability may be obtained.
After determining the optimum groove parameters of the beveled-step HGJB, the performance of the introduced groove profile should be investigated. Therefore, comparisons of the friction torque and load carrying capacity of the introduced beveledstep and rectangular groove HGJBs will be carried out.
The friction torque was measured using a torque transducer at various rotational speeds of the grooved member. In addition, the dimensionless friction torque parameter can be expressed as
where T r is the measured friction torque in ͑N m͒.
The obtained experimental results, for beveled-step HGJB, were compared with Kinouchi and Tanaka's ͓8͔ results obtained by the finite element method for the rectangular groove profile. Figure 18 shows the variations of the friction torque with eccentricity ratio ͑͒ for the beveled-step and rectangular HGJBs. It is clear that the friction torque for the beveled-step groove profile is lower than that for the rectangular groove profile in spite of the large groove number for the beveled-step HGJB. This may be attributed to the minimum eddies and turbulence that occurs in case of using beveled-step groove profile. "a… groove angle "␣…, "b… groove width ratio "␤…, and "c… groove depth ratio "⌫… The load carrying capacity was measured at different applied loads and rotational speeds for the beveled-step HGJB. Then the experimental results were compared with the experimental results of Hirs ͓3͔, for rectangular groove HGJB. Figure 19 shows the variation of the load carrying capacity with eccentricity ratio ͑͒ for beveled-step HGJB ͑L / D = 0.75͒ and rectangular HGJB ͑L / D = 1.0͒. The load carrying capacity for the beveled-step HGJB increases with the increase of the eccentricity ratio, while its increase with the eccentricity ratio for the rectangular HGJB is sluggish. It is also clear that load carrying capacity for the beveled step is lower than that of the rectangular HGJB. The main cause of this result is the improper comparison, whereby the compared values have different L / D ratios. According to the result of Kawabata et al. ͓6͔, it seems that the variation of dimensionless load carrying capacity with L / D ratio is approximately linear. Therefore, one can predict that the dimensionless load carrying capacity will increase by about 33% when the L / D ratio equals unity.
Conclusion
From the foregoing investigations, the following conclusions can be drawn:
͑1͒ A new design for the groove profile of HGJBs, the beveled-step HGJBs, was introduced in order to obtain better performance characteristics of HGJB than for rectangular and circular HGJBs. ͑2͒ The introduced design of the groove profile was capable of decreasing the losses of the hydrodynamic pressure by increasing the pressure recovery at the divergence of the flow over the step. It also increases the amount of oil pumped inward over the circular groove profile. ͑3͒ The optimum values of the groove parameters ͑groove angle ␣, groove width ratio ␤, and groove depth ratio ⌫͒ that give maximum radial stiffness and maximum load carrying capacity of the beveled-step HGJB are 29 deg, 0.5, and 2.0, respectively. ͑4͒ The introduced beveled-step HGJB has higher radial stiffness, higher load carrying capacity, and lower friction torque than the rectangular HGJB. Transactions of the ASME
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